The shell and coil heat exchangers are commonly used in heating, ventilation, nuclear industry, process plant, heat recovery and air conditioning systems. This type of recuperators benefits from simple construction, the low value of pressure drops and high heat transfer. In helical coil, centrifugal force is acting on the moving fluid due to the curvature of the tube results in the development. It has been long recognized that the heat transfer in the helical tube is much better than in the straight ones because of the occurrence of secondary flow in planes normal to the main flow inside the helical structure. Helical tubes show good performance in heat transfer enhancement, while the uniform curvature of spiral structure is inconvenient in pipe installation in heat exchangers. Authors have presented their own construction of shell and tube heat exchanger with intensified heat transfer. The purpose of this article is to assess the influence of the surface modification over the performance coefficient and effectiveness. The experiments have been performed for the steady-state heat transfer. Experimental data points were gathered for both laminar and turbulent flow, both for co current-and countercurrent flow arrangement. To find optimal heat transfer intensification on the shell-side authors applied the number of transfer units analysis.
Introduction
Striving to ensure high performance of the heat exchangers, HX, nowadays is a source of universal trend both to the miniaturization of these devices for both industrial and domestic applications, while maintaining the highest possible size to thermal energy ratio. As is well known, in the case of recuperators the heat transfer coefficient has a decisive influence on their efficiency [1] . Overall heat transfer coefficient, depends mainly on the lower value of heat transfer value (HTC) from working media [2] . It is, therefore, most significant to improve the heat transfer with special attention on the side of the medium with lower heat transfer coefficient [3] . Helical coils are widely used in applications such as heat recovery systems, chemical processing, food processing, nuclear reactors, and hightemperature gas cooling reactors. Helical coils have been widely studied both experimentally [4] and numerically [5] .
Helical coils are characterized by their compactness and high heat transfer coefficient. When fluid flows through a helically coiled tube, the cur-vature of the coil induces centrifugal force, causing the development of the secondary flow. This secondary flow enhances fluid mixing and thus heat transfer. Fluid flow in a helical tube is characterized by the Dean number. The Dean number, D, is a measure of the geometric average of inertial and centrifugal forces to the viscous force ratio, and thus is a measure of a magnitude of the secondary flow. For laminar flow and small pipe to coil radius aspect ratio r/R, frictional loss in a curved tube may be represented as a function of the Dean number. One of the most frequent uses of helically coiled tubes is in the shell and coiled tube heat exchangers.
The majority of the studies related to helically coiled tubes and heat exchangers have dealt with two major boundary conditions, i.e., constant heat flux and constant wall temperature [6, 7] . However, these boundary conditions are not encountered in most single-phase heat exchangers.
Naphon [8] has investigated thermal performance of helical coils with and without fins. Two different coil diameters with 9.5 mm diameter copper tube having thirteen turns were used. Hot and cold water were used as working fluid in the range from 0.10 to 0.22 kg/s and from 0.02 to 0.12 kg/s, respectively. They have shown that with increasing hot water mass flow rate the friction factor decreased.
Various helical coils made from a 12.5 mm ID (inside diameter) tube with various coil diameters ranging from 92 to 1282 mm have been investigated by Srinivasan et al. [9] to determine friction factors. Four different coil pitches of 2.5, 3.3, 6.6, and 13.2 tube diameters were tested and graphs of friction factors with respect to the Dean number were produced. All the graphs showed breakpoints which were interpreted as the critical Reynolds number value so that equation was found to describe this critical value for different tube diameter to shell diameter ratio.
Kumar et al. [10] studied a tube-in-tube helically coiled heat exchanger for turbulent flow regime. Numerical investigations were done to understand forced laminar fluid flow in rectangular coiled pipes with circular cross-section by Conte and Peng [11] . Their focus was addressed on exploring the flow pattern and temperature distribution through the pipe.
Patankar et al. [12] discussed the effects of the Dean number on friction factor and heat transfer in the developing and fully developed regions of helically coiled pipes. Comparisons between the proposed model and the experiment showed good agreement. However, the effects of the torsion and the Prandtl number were not taken into account in the aforementioned model.
Jamshidi et al. [13] experimentally considered the effects of the geometric parameters to enhance the heat transfer rate in the shell and coiled-tube heat exchangers. The results indicated that the higher coil diameter, coil pitch, and mass flow rate in the shell and tube can enhance the heat transfer rate in these types of heat exchangers. Xin et al. [14] studied single-phase flow in a helical double tube heat exchanger in horizontal and vertical arrangements. In their paper, the influence of coil geometry, the flow rate of air and water on the pressure drop of single phase flow was surveyed.
Petrakis and Karahalios [15, 16] obtained the numerical solution of incompressible viscous fluid flow equation for water flowing in a curved double tube with circular cross section. In this investigation, it was indicated that in small core radius, the change of Dean number has a considerable effect on fluid properties whereas it was not observed in the large radius.
Di Liberto and Ciofalo [17] studied the heat transfer of turbulent flow in curved tubes by numerical simulation. They also used this method to survey a fully developed turbulent flow in curved tubes. Results of this study indicated that in the curved tubes, the temperature fluctuations in outer regions are more pronounced than in other regions.
Moawed [18] reported an experimental investigation of steady-state natural convection heat transfer from uniformly heated helicoidal pipes oriented vertically and horizontally. His experimental investigation was conducted on four helicoidal pipes having different ratios of coil diameter to pipe diameter, pitch to pipe diameter and length to pipe diameter with the range of Rayleigh number 1.5 × 10 3 < Ra < 1.1 × 10 5 . His results showed that the overall Nusselt number increases with the increase of coil to tube diameter ratio, dimensional pitch and length of coil to tube diameter for the vertical helicoidal pipes. For the horizontal helicoidal pipes, the overall Nusselt number increased with the increase of dimensional pitch and length of coil to tube diameter, but it decreased with the increase of coil to tube diameter ratio. He presented two different equations to correlate the Nusselt number for horizontal and vertical helicoidal pipes.
Literature review, reveals that there are a few investigations on the heat transfer coefficients of helical coil heat exchangers considering the geometrical effects and coil surface modifications. Also, this scarcity is more prominent for the shell-side heat transfer coefficients. Most of the researchers performed their work on the helically coiled heat exchanger with constant heat flux and constant wall temperature as major boundary conditions. The paper presents labor that was carried out in several stages. The first part of this paper presents the construction of the test facility and the design and construction of test exchangers. The second part presents experiments which were carried out on single-phase convection heat transfer with distilled water as a working medium.
Heat exchanger modeling
In order to conduct experimental research to verify the influence of the surface modification on the heat transfer coefficient of the coiled tube a reference heat exchanger model was proposed. Heat transfer coefficient outside the coil was calculated based on the works of methodology showed earlier in the literature [19, 20] . Helically coiled tubes show some peculiar characteristics and phenomenological aspects of the thermohydraulics that are worthy of a brief description. First of all, coiled pipes are compact, can well accommodate the thermal expansions and have a high resistance to flow induced vibrations [21, 22] . Furthermore, the fluid flowing in helical tubes develops secondary flows whose physical explanation is represented in Fig. 1 . The curved shape of the inner tube of HX causes the fluid to experience a centrifugal force which depends on its local axial velocity of Fig. 1b . Due to the boundary layer, the fluid particles flowing close to the tube wall have a lower velocity with respect to the fluid flowing in the core of the tube thus they are subject to a lower centrifugal force [23, 24] . As a consequence, fluid from the core region is pushed outwards forming a pair of recirculating counter-rotating vortices as presented in Fig. 1c .
In the Reynolds number range of 50 < Re sh < 10000 the Nusselt number at shell side can be expressed as [25] Nu sh = 0.6Re sh 0.5 Pr 0.31 ,
where Pr is the Prandl number, and for Re sh > 10000
Nu sh = 0.36 Re
where µ and µ p are the dynamic viscosity of the wall and fluid, respectively. In shell side flow, Reynolds number is calculated as the mass flow rate, G sh , through equivalent diameter, D e ,
Vortex generated by centrigugal force Equivalent diameter depends on the volume of the annulus divided by heat exchanger length and the circumference
The volume available for the flow of fluid in the annulus, V sh , can be calculated knowing geometrical dimensions of the heat exchanger ( Fig. 2 and Tab. 1)
Inside the coil, authors decided to use the Dittus-Boelter correlation for dimensionless heat transfer coefficient [26] Nu DB = 0.023Re
Corrected for the coiled tube it becomes
where δ is the wall thickness, and α DB means the heat transfer coefficient calculated by Eq. (6), Re is based on inner pipe diameter, d 0 , and fluid velocity inside the coil, w c−s
where ν is the kinematic viscosity of fluid.
Overall heat transfer coefficient can be calculated as
In present study required heat load was set asQ = 1200 W. Thus the contact area, A, can be calculated from
The logarithmic mean temperature difference LMTD can be used as an average acting temperature gradient between two fluids. It can be written as
where subscripts h and c indicate hot and cold fluids, and superscripts 'prim' and 'double prim' denote temperature at inlet and outlet, respectively. LMTD is corrected with the fluid correction factor, F
The account for perpendicular flow, the correction factor of 0.99 [7] . The coil heat exchanger has been developed by using values of water properties for average temperature, T av , of cold and hot media. The pressure drop of the heat exchanger for shell and coil side accordingly yields: where ρ is the fluid density and overbar denotes the average velocity. The friction factor for flow inside the coil can be calculated from relation [22] f = 0.3164 Re 0.25 + 0.03
where µ w is the dynamic viscosity calculated for wall temperature, factor E dependent on heat exchanger geometrical dimensions, is calculated as
where D H is the average diameter of helix. Drag coefficient on coil surface was calculated from the Brauer correlation [22] C D = 0.3164 Re 0.25 1 + 0.095
Re sh 0.25 .
Local drag coefficients for Eqs. (13) and (14) were taken from Bell [23] and Achenbach [24] .
Experimental setup
The main aim of surface modification was to increase turbulization at the outer surface of the coil. As well-known from literature, the heat transfer coefficient at shell side in case of typical helical heat exchangers is smaller than the one at coil side [13] . Both coils have been made by using a small, smooth copper minichannel (see Fig. 3 ). The average length of channels is 1400 mm and average fin height was equal to 0.5 mm. Each one of built heat exchangers has the same shell construction. The rig consists of two closed loops of test fluid. The facility was intended to work with any non-chemically aggressive working fluids. In both loops, circulation is forced by electrically powered pumps with a magnetic coupling, capable of providing the mass flow rate from 0.001 to 0.005 g/s and the overpressure up to 0.8 MPa. This type of pumps has been chosen to provide the circulation of fluid in the test sections and to avoid flow pulsations. Adjustment of the mass flow rate is realized by two independent inverters. Figure 4 presents a schematic diagram of the test facility. The heat exchanger consists of a copper coiled tube and an insulated shell. The dimensions of the heat exchangers are depicted in Tab. 1. The hot fluid circuit is heated using a thermostatic bath. A pump circulates the hot water in the loop with a preset temperature. A set of valves is used to control the flow rate of cold and hot water, respectively. To measure the flow rates of the cold and hot fluids a Coriolis-type mass flow meters are installed upstream of the heat exchanger. The inlet and outlet temperatures of hot and cold water were recorded using four T-type thermocouples inserted at the inlet and outlet collectors. Also, all the pipes and connections between the temperature measuring stations and heat exchanger were duly insulated. In order to exclude heat capacity of heat exchanger casing from calculations, data points were gathered for steady state conditions. After obtaining constant parameters, temperatures were measured three times with an accuracy of 0.5 o C in the time steps of 20 min, and the average values were used for further analysis. Appropriate arrangements were provided to measure the pressure loss of both tube and shell side. All the tubeand shell-side fluid properties were assessed at the mean temperature of the fluid (average of inlet and outlet temperatures). The measured uncertainty parameters are shown in Tab. 3. 
Data reduction
The hot and cold heat flux are calculated as a product of water mass flux, water specific heat capacity and the inlet-outlet water temperature difference:
The measured pressure drop is the sum of friction pressure drop, and expansion and contraction losses due to the headers at both ends of the test section ∆P measured = ∆P f rict + ∆P exp + ∆P con .
The pressure drop due to contraction was estimated using a flow model recommended by Hewitt et al. [26] for single phase flow.
where γ is the area ratio (A test−section /A header ) and C con is the coefficient of contraction, which is, in turn, a function of this area ratio,
For the expansion into the header from the test section, the following flow model recommended by Hewitt et al. [27] was also used:
where ψ is the separated flow multiplier, while is also a function of the phase densities and the quality. In single flow case, those multiplier and quality are equal to unity. The number of transfer units, NTU, is calculated as
where U is the overall heat transfer coefficient and A is the heat transfer surface area of the heat exchanger,
where W c and W h are the heat capacity rates of the cold and hot fluids, respectively. In heat exchanger analysis, it is also convenient to define another dimensionless quantity called the capacity ratio as
where W max is the higher of the two considered capacities. The heat transfer effectiveness is defined as actual heat transfer rate to maximum possible heat transfer:
The actual heat transfer rate in a heat exchanger can be determined from an energy balance on the hot or cold fluids and can be expressed aṡ
To determine the maximum possible heat transfer rate in a heat exchanger, we first recognize that the maximum temperature difference in a heat exchanger is the difference between the inlet temperatures of the hot and cold fluids
Therefore, the maximum possible heat transfer rate in a heat exchanger iṡ
where W min is the lower heat capacity of cold and hot fluid. Experimental values of Nusselt number, Nu, at shell side and coil side were calculated as
The Dean number, D, is a dimensionless group in fluid mechanics, which occurs in the study of flow in curved pipes and channels ( Fig. 2) :
Experimental results
In order to estimate the influence of surface modifications on flow through the heat exchanger, as the first step of experimental validation hydraulic performance of heat exchanger was examined. Because only coil external surface was modified only shell side flow was investigated in detail for both reference and modified geometry. As can be seen in Fig 5. there is no significant difference between the hydraulic characteristic of plain and modified helical coil heat exchanger. It should be noted also that the predicted value of pressure drop with Eq. (13) has good agreement with experimental results, but it tends to over predict ∆P values for higher flow rates. As well as pressure drop in shell side the experimental data for pressure drop at coil side was compared with the prediction given by Eq. (14) . Figure 6 clearly presents acceptable agreement between predictions and experimentally obtained results. Figure 7 presents' linear regression values for experimental series grouped in constant shell side fluid velocities (cold). The resulting heat transfer coefficient of cold fluid from experimental data was calculated based on Wilsons plot method [3] . The heat transfer coefficient was calculated for the tube thickness of 1 mm. The tube material (copper) has the thermal conductivity, λ, equal to 389 W/mK. It has to be noted that overall heat transfer coefficient generally is larger for the modified construction of heat exchanger. But the difference is quite small. The low values for the small flow velocities could also be due to the nature of the Wilson plots. It was noted that small changes in the coefficients used in the Wilson plots had a small effect on the inner Nusselt numbers, but much larger effects on the annulus Nusselt numbers. So the Wilson plots may be part of the reason for the divergence between the experimental and predicted values. Based on a comparison of theoretical values of Nusselt numbers and experimental results a good agreement of used correlations can be stated. The differences at shell side and coil side are not larger than 30%. Results were shown in Figs. 8 and 9. As was expected based on analytical modeling of coil heat exchanger the Nusselt number for coil side are clearly larger than the shell side. Considering pressure drop at shell side are also significantly smaller than at the coil side. Figure 10 represents the variations of Nusselt number versus Dean number for three different water inlet temperatures at shell side and at coil side for reference heat exchanger construction. It is important to notice that increment of water temperature reduces obtained Nusselt numbers at shell side, especially in the low Dean number region. Unfortunately for coil side the difference is so small than even after zoom experimental points, it is negligible. It is also seen that at higher temperatures, the range of Dean number is greater as a result of lower water viscosity. One of the most common methods to compare the various types of heat exchangers is to use ε-NTU methodology [28] [29] [30] . Collected experimental data for co-and countercurrent flow configuration in each of presented heat exchangers allow verifying the influence of temperature field on heat transfer coefficient. Figures 11 and 12 show the effectiveness of coil heat exchangers calculated using Eq. (27) as a function of a number of transfer units. In both cases, countercurrent flow configuration with hot water inside the coil is the most effective. The heat exchanger with surface modification on average has the largest effectiveness from all of the considered operational conditions. Instead of that fact it should be noticed that generally the difference between the effectiveness of both heat exchangers wasn't significant. Figure 13 indicates that the effectiveness of the heat exchanger decreases with the increase in Dean number inside tube in case of reference and intensified heat exchangers. From the plot, it is also evident that for higher water flow rates inside the tube, effectiveness is almost constant in all cases. The analysis also indicates that the effectiveness of the helical ness of intensified heat exchanger lower about 5% than reference type, but for lower mass flow rates. This can be explained by measurement error which is higher for lower flow rates. Counterflow configuration also depicts similar effectiveness for low flow rates, but significantly larger for Dean numbers above 3000. In authors, opinion difference in results may be explained by entrance effects in both heat exchangers. For parallel flow at the inlet of heat exchanger heat is transferred due to the large temperature difference, also heat transfer coefficient is enhanced due to inlet effects, therefore surface enhancement does not play a significant role in it. Afterward with lower temperature difference in heat exchanger, enhancement of heat transfer coefficient falls within the measurement error. On another hand for counter flow configuration, working fluids have similar temperature gradient along the flow path, therefore after inlet effects are suppressed, modified surface offers heat transfer enhancement that is measurable due to the higher temperature difference.
Conclusions
Authors presented and successfully implemented, a simple mathematical methodology to model the shell and coil heat exchanger. In this paper, results show a comparison between helically coiled heat exchanger with surface modification by means of micro fins. During the experiments the mass flow rate in the inner tube and the annulus were both varied, both the counter and parallel flow configuration was tested. The experimental values of heat transfer coefficient have been obtained by the Wilson plot method. It was observed that the overall heat transfer coefficient increases with increase in the inner coiled tube Dean number for a constant flow rate in the annulus region. Similar trends in the variation of overall heat transfer coefficient were observed for different flow rates in the annulus region for a constant flow rate in the inner coiled tube. It was shown that obtained average Nusselt numbers for the shell side have increased with surface modifications.
The literature predictions for hydrodynamics and fully developed heat transfer were in good agreement with experimental results. The agreement with the numerical and experimental predictions of Nusselt number values was well within 30%.
As was expected based on presented above facts the heat exchanger with surface modification on average has larger effectiveness than reference construction. Received 20 June 2016 
